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ABSTRACT

At present, the major factor limiting the designer’s ability to
predict the rotordynamic behavior of multistage centrifugal
pumps is the availability of accurate input data for the forces
acting on the rotor. Recent results are presented from an ongo-
ing research project sponsored by the Eleciric Power Research
Institute at Sulzer Brothers on the measurement of hydraulic
forces on impellers of high energy pumps. The best available
coefficients for seals and impeller forces, derived from the
research, are applied to a typical four stage diffuser style pump.
The application of swirl breaks to impellers is demonstrated.
The results of the analysis is then compared to actual test data.
The conclusions highlight the importance of including impeller
hydraulic forces in the rotordynamic analysis, the potential of
swirl breaks to significantly improve rotor stability and areas
needing further research.
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INTRODUCTION

The task of correctly predicting the rotordynamic behavior of
turbomachinery has challenged designers since they first en-
countered vibration related failures. As machine speeds and
power concentrations increased, it became evident that the long
term reliability of rotating equipment was closely related to
rotordynamic behavior. Instead of the critical speed, which has
often been considered the main criterion, stable, well damped
rotordynamic response is now recognized as a necessary condi-
tion for high reliability [1, 2, 3]. The challenge the designers face
is to accurately predict rotordynamic performance so that rotor
behavior can be optimized within the constraints of the total
machine performance during the design stage, rather than
during shop tests or in the field, where the cost of changes will
be high and the final result often less than optimum.

To accurately predict rotordynamic behavior, the designer
needs not only the mathematical tools to model the rotor-
bearing system, but also correct input data to enter into the
model. The progress made in providing the designer with high
quality mathematical tools has been excellent. Transfer matrix
and finite element techniques are now readily available to the
designer. At present, the major factor limiting the designer’s
ability to predict the rotordynamic behavior of multi-stage cen-
trifugal pumps is the uncertainty in what to use for the forces
acting on the rotor.

In multi-stage centrifugal pumps, the forces on the rotor arise
from journal bearings, interstage seals {labyrinths), thrust
balancing devices and hydraulic interaction between the impel-
ler and the casing. The journal bearing forces can be approx-
imated by linearized stiffness and damping coefficients when
shaft motion does not exceed a third of the bearing clearance.
Coefficients are well known from the theoretical and experimen-
tal work of individuals such as Orcutt, Schaffrath, Glienicke,
Lund and Thompson [4, 5, 6, 7]. The forces at the interstage
seals and balancing devices require stiffness, damping and mass
coefficients to be adequately described in a linear system. For
short plain seals, these coefficients can be approximated from
the investigations of Black and Childs [8, 9, 10, 11]. However,
for long seals, such as balance pistons, and seals with serrations
or other complex geometry, adequate prediction methods do
not exist. In the area of hydraulic forces between impeller and
casing, several experimental investigations have been carried
out [12, 13, 14, 15, 16]. However, little is known about the
influence of geometrical parameters on the hydraulic forces
produced by the impeller-casing interaction.

Hydraulic forces acting on the rotor can be classified into two
categories:

« Forces which are present for a non-vibrating rotor (excitation
forces).

* Forces which are created by lateral rotor vibration (hydrody-
namic interaction forces).

The importance of both categories of forces has been recog-
nized for some time. Recent results from an ongoing research
project sponsored by the Electric Power Research Institute
(EPRI) at Sulzer Brothers {Switzerland) on the measurement of
hydraulic forces of impellers, will be applied to a high energy
multistage pump, typical of boiler feed and water injection
applications. The effects of the seals will be included based on
calculations using the theory of Childs [11]. The objectives of
this analysis are to:

* Provide a better understanding of the importance of impel-
ler forces on rotor dynamic behavior.

* Demonstrate how, with better insight into the nature of the
forces acting on the rotor, design changes can be developed
which substantially improve rotor stability.

The results of the analysis of a four-stage pump will be
presented to illustrate the influence of seals, impellers and

balance pistons on the predicted rotordynamic behavior. The
application of swirl breaks within a pump stage will be presented
and the effects of swirl breaks on rotor stability will be discussed.
The results of the rotordynamic analysis will be compared to
actual test vibration, taken from the pump analyzed, while
operating near the stability limit. The areas of uncertainty in the
data and future research needs will be presented.

PUMP

The pump used in the analysis is a horizontal, four-stage,
diffuser style pump with a balance piston to control axial thrust
(Figure 1). The hydraulic performance data at the best efficien-
cy point (BEP) and the recommended minimum flow, as well as
some geometrical data, is given in Table 1. The rotor is support-
ed by two, four lobe, oil lubricated journal bearings, and the
residual axial thrust is taken by a double acting, tilting pad thrust
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Figure 1. Cross Section of Typical Boiler Feed Pump.

Table 1: Main Data of Pump.

Hydraulic Data
BEP Min. flow
{(Qoo) {QLo)
Q (m%s) 0.335 0.082
(Gpm) 5310 1300
n (cpm) 6200 6200
Hiey (m) 2195 2582
(ft) 7201 8471
Hytage (M) 549 646
(ft) 1801 2119
Degree of {— ) 0.74 0.76
reaction
T (°C) 149 149
(°F) 300 300
Geometrical Data
Overall length of rotor: 22l m (7.25 ft)
Distance between
centerlines of bearings: 1.675 m (5.50 ft)
Distance between stages: 0.141 m (0.46 ft)
Assembled rotor weight: 444 kg (979 1b)
Impeller weight: (including
1€ {0.26 gal) of water): 16 kg (35 1b)

Unbalance mass applied at
coupling: 3.75x1073%kg'm  (27.1x1073b-ft)
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bearing. Bearing load is normally established by assigning
approximately half of the rotor weight to each bearing. Howev-
er, the measurement of static radial thrust in the test machine
showed that radial thrust produced by a suction impeller due to
inlet asymmetry can be on the order of half the total rotor
weight. The direction of this force depends on the flow, manu-
facturing tolerances and the orientation of suction piping.
Therefore, one case was calculated using only 20 percent of the
total rotor weight on the bearings to account for the possible
effect of radial thrust.

All internal seals, including the piston, have small shallow
serrations machined into the stationary parts. The suction seal
(neck ring) at the first stage is a straight seal, the other three
seals are stepped. The balance piston is broken divided into four
sections by three deep grooves in the stationary part. The pump
is equipped with mechanical shaft seals and driven through a
gear type coupling.

MODEL

The rotor was modelled using the MADYN computer program
[17]. The MADYN program is a finite element based program
which will accept non-symmetric stiffness and damping matri-
ces, gyroscopic forces, harmonic and transient excitation.
Forces acting on the rotor are described as follows:

B [Fl] B [Kn km] _ [Xl] . [Cn 012] . [Xl]
Fp ko1 Kop] | X2 e Ca] X2
[Mu m12] [X1]
n N
mp Ml LX

Based on the rotational symmetry of the seals and impellers
the following assumptions of isotropy were made:

(1)

K= K22
—kiz=ka

Ci11=Cy

—C12=C21

My =My,
— M2 =My

Undamped natural frequencies with gyroscopric effects,
damped natural frequencies and forced rotor response can be
calculated. The rotor model consisted of 51 stations with seven
additional distributed masses representing the impellers, thrust
collar, balancing piston and coupling. The polar and transverse
moments of inertia of the impellers, thrust collar and coupling
were included. Half the coupling spacer mass was added to the
mass of the pump half coupling hub. No credit was taken for the
stiffening effect of the shrink fits for the impellers and sleeves.
The pump casing, foundation and bearing housing were con-
sidered to be infinitely stiff, compared to the rotor.

INPUT DATA

Selected geomeitrical data for journal bearings, seals and
impellers are given in Table 2.

The coefficients for the seals and balance pistons were cal-
culated with a computer program based on Childs’ “finite
length” theory [11] The tangential velocity of the leakage flow
along the impeller shroud was calculated by an integration with
finite differences as a function of diameter, taking the different
roughnesses of the rotating and stationary parts into account.
The exit tangential velocity at the impeller outlet was used as the
initial value. The pressure was reduced according to the rotation
to yield the pressure difference across the seal [18] For the
stepped seals and the balance piston, the exit tangential velocity
of one section was used as the initial tangential velocity for the
next section. The pressure difference was split up according to
diameters and the section lengths.
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Table 2. Journal Bearing, Seals, Impeller Geometrical Data
(new).
Diameter Length Radial Remarks
(mm) (mm) Clearance
(in} {in} {mm)}
(in)
Bearing 120 60 0.084 1.4 o/oo
4%y 2% 0.0033
First 230 25 0.45 straight
stage
suction 9 1 0.018
seal
Normal 230/215 12/12 0.45 stepped
stage
suction 9/8Ye Yo Vo 0.018
Inter- 165 23 0.43 straight
stage
bushing 62 s 0.017
Piston 215 180 0.45 *) divided by
82 7Ve*) 0.018 grooves
Impeller 333 26.4 - *) impeller
*) width at
13% 1 - outlet

Inlet swirl brakes were introduced as radial slots in the surface
of the casing opposite the impeller suction shroud, extending
from the suction seal diameter to 56 percent of impeller outlet
diameter (Figure 2). The purpose of the swirl break is to control
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Figure 2. Swirl Breaks.
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the co-rotational component of the fluid velocity in the space
between the impeller and the casing, and entering the suction
seal. Swirl breaks have been shown to be very effective in
controlling instability problems originating in the balance piston
[19]. For the cases with the swirl brakes, the calculated tangen-
tial velocity at the inlet to the suction seal and balance pistons is
divided by two. The inlet swirl for interstage bushing is assumed
to be zero for all cases.

Figure 3. Partial Cross Section of Test Machine.

Stiffness and damping coefficients for the journal bearings are
based on dimensionless experimental data provided by the
bearing manufacturer.

The data for the impeller hydraulic forces was derived from
testing described in [16]. Two configurations were used to
determine impeller coefficients (shroud plus impeller hydraulics
forces). Both configurations are shown in Figure 3. The dif-
ference between the two configurations can be summarized as
follows:

* The impeller design is a standard configuration with an axial
flow suction seal. Forces resulting from the seal were calculated
theoretically and subtracted from the total measured forces to
give coefficients for the impeller.

* The impeller design has been modified to incorporate a
radial flow seal which produces negligible radial and tangential
forces. The impeller forces alone are measured.
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Figure 4. Nondimensional Impeller Coefficients, Comparison.

Results for tests with both configurations are presented in
Figure 4 using the normalized form of Ohashi [21].

K, kip= —i 22
p'1T/4‘D2‘Bz‘(J.) (2)
Ciy, C12
C , e ———=
h ke o-w/4-DZByw (3)
Mty mpy =l 12
pw/4-D3-B, 4)

A large discrepancy is noted between the two different meth-
ods, 1 and 2. This effect is primarily attributed to the significant
difference in shroud geometry necessary to accomodate the
radial flow seal although the accuracy of the calculated seal
coefficients may also have contributed to the difference. The
additional axial gap for configuration 2 also produces additional,
unwanted forces [22]. Configuration 1 with no geometrical
changes intuitively appears to be more reliable and was used for
the investigation.

Measured data were extrapolated from test conditions to
pump design conditions with Equations (2), (3), and (4). This
extrapolation assumes that these equations are representative
similiarity relationships. This is an assumption which is not in
total agreement with available data [16], but does provide a
starting point for the analysis. A comparison of the measured
natural frequency (least damped mode), which is at approxi-
mately 73 percent of the running speed for worn seals, with the
corresponding calculated frequency suggested that further cor-
rection was necessary. The computed eigenfrequencies were
too high; to bring the analysis more into agreement with the
experimental measurements, the values of K;; and C;p were
divided by three. This was the only adaptation of the data to the
model. Clearly further tests at higher speeds and temperatures
are needed for both impeller and seal forces.

The large influence of a swirl break, not only on the seal, but
also on the impeller coefficients, is evident in Figure 4. K; 5, the
coefficient primarily responsible for the forward driving portion
of the tangential force [16], was reduced to approximately 50
percent, resulting in a much more stable system. For the cases
using the swirl breaks, the resulting K;; and C for the impellers
were divided by three as discussed above.

Coefficients for seals, impellers and bearings are given in
Table 3. The cross-coupled masses shown in the table can not
be introduced directly into the computer code MADYN. There-
fore, the cross-coupled stiffness was modified:

Ki2' =Ki2— mjz(0?) (5)

It should be noted that this is correct only for synchronous
excitation. However, in the range of interest, approximately
0.50 to 1.57w, the error is negligible.

RESULTS OF CALCULATIONS

An overview of all eight cases calculated is given in Table 4.
Case 4 will be discussed in detail first.

All the coefficients were calculated for a number of speeds:
3000 cpm, 4000 cpm, 5000 cpm, 6200 cpm and 7500 cpm.
With each set of data eigenvalues, i.e., natural frequencies and
damping, were calculated. Damping, D, is defined as



where
D>0 =
D<0 =
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—Re()\)

 [(Re(\)2+ (Im(\)?)°5

damping
exciting

(6)

49

The influence of the running speed on the damping and the

natural frequency for six different mode shapes labeled “A”

through “F” is shown in Figure 5. In this diagram the frequency
axis (D =0) is the limit of stability. For Case 4, a typical mode
shape for the mode labeled “A,” which is tending toward
instability at approximately 7100 cpm, is shown in Figure 6.

Table 3. Stiffness, Damping and Mass for Seals, Impeller and Bearings at Operating Speed.

Stiffness (N/m) Damping (Ns/m) Mass (kg)
seal flow clear- K11 k12 c1u cl2 M1l ml2
ance
First stage Qoo new 6.39x10° 5.19x10° 9.14x 103 6.77 x 107 0.827 0.015
suction sea] worn 2.37%10° 329%10°  B27x10°  214% 107 0.237 0.0004
QLO worn 4.01x10° 1.18x10° 7.38x 103 1.07x 102 0.220 —0.080
Qoo new 3.10x 108 —2.86x%10% 5.08x 103 1.71x10? 0.486 —-0.056
Interstage worn 1.15x10° -1.06x10* 2.98x10° 5.88x 10! 0.159 -0.077
bushing QLo worn 1.41 x10° -9.93x10° 3.35x10% 5.55x 10! 0.150 -0.073
Normal stage Qoo new 2.68x10° 1.68 x 10° 3.35x10°% 9.10x 10! 0.115 -0.006
suction seal worn 8.07x10° 1.09x10° 1.89x10% 7.69x10° 0.013 —0.004
QLo worn 1.24x 108 4.41x10° 2.60x10° 6.41 x10° 0.007 —-0.020
Balance Qoo new 6.41 x107 4.30 %107 1.07x10* 9.26x 103 13.893 0.156
piston worn 2.81x107 3.00x 107 6.12x10° 3.97x10° 5.191 -0.107
QLo worn 3.62x 107 1.56 x 107 7.07x 10* 2.709x10° 5.227 —-0.663
Impeller-Hydraulic-Interaction, including shroud forces
flow K11 k12 Cl1 cl2 M1l ml2
Qoo 6.13x10° 1.60x 107 1.82x10% 3.50x10% 33.49 13.99
Q10 4.40%10° 2.39%107 3.15x 10° 4.67x103 33.92 17.60
Bearings
% rotor- K11 k12 k21 K22 Cl1 cl2 c21 c22
weight on b
100% 3.82x107 2.41x107 -1.70x 107 1.00x 108 6.25x10° 8.15x 103 -4.30x10° 1.20x 10°
20% 2.79 x 107 1.31x107 -1.31x107 2.95x 107 5.10x10° 2.12x10° —3.66x10° 515x 104

Table 4. Parameter Variation With Least Damped Eigenfrequencies and Damping.

least damped mode

Case Labyrinths Impeller Flow Bearing Swirl Natural Damping

Forces Load Break Frequency D

Hz %

1 new no Qoo weight no 106 19
2 new yes Qoo weight no 93 13
3 worn no Qoo weight no 81 7
4 worn yes Qoo weight no 80 2
5 worn yes Qoo 0.2x no 75 3

weight

6 worn yes QLo weight no 90 13
7 worn yes Qoo weight yes 76 24
8 worn yes QLo weight yes 72 26
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Figure 5. Eigenfrequency Versus Damping.

‘FlGURE ©: MODE SHAPE CASE &,
TYPICAL

REAL PART, VERTICAL 79,768 vz D = 0.018
MODE-SHAPE FOR: Q00,2x,100% ROTOR WEIGHT, IMP-DIFF-INT.,6200RPM

x2

Lxl

REAL PART, HORIZONTAL 79,768 KZ D = 0.018
+ODE-SHAPE FOR: QO00,2x,100% ROTOR WEIGHT, IMP-DIFF-INT.,5200RPH

L.
x1

IMAG. PART, VERTICAL 79.768 vz D = 0.018

MODE-SHAPE FOR: Q00,2x,100% ROTOR WEIGHT, IMP-DIFF-INT.,6200RPM

x2

L x1
——wf_ﬁff____m R -

IMAG. PART, HORIZONTAL 79,768 Hz D = 0.018
MODE-SHAPE FOR: (00,2x,100% ROTOR WEIGHT, IMP-DIFF-INT.,6200RPM

Figure 6. Mode Shape Case 4, Typical.

By definition, a “critical speed” occurs where the running
frequency coincides with an eigenfrequency. This situation can
be clearly seen in a Campbell diagram. A Campbell diagram for
Case 4 is depicted in Figure 7. In accelerating up to running
frequency, four ‘critical speeds” are encountered. It should be
noted that mode shape “D” is omitted from Figure 7, because it
is a backward whirling mode and cannot be excited by imbal-
ance. As the diagram indicates, even the least damped “critical
speed” of mode shape “A” still has a damping of about 12
percent. More important is the fact that when the pump is at the
normal running speed, this mode shape has an eigenfrequency
of 0.77 X (running speed) and only two percent damping. This

INTERNATIONAL PUMP SYMPOSIUM

mode becomes unstable, as shown in Figure 5, at a pump
speed of about 7100 cpm with an eigenfrequency around 88
Hz. Instabilities at a ratio of eigenfrequency to running speed of
0.75, with increased clearances (worn clearances), is not un-
common for high energy multistage pumps.

904

FREQUENCY [HZ]

LIMIT OF STABILITY [
FOR MODE A

RUNNING SPEED

3000 3500 4000 4500 5000 5500 8000 8500

6000 6500 7000 7500
SPEED (RPM!

Figure 7. Campbell Diagram, Case 4.
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Figure 8. Unbalance Response, Case 4.
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The response to unbalance for Case 4 is shown in Figure 8. A
slight resonant peak occurs for location 3 only, at 3500 cpm.
This corresponds to the intersection of the running speed with
the eigenfrequency for mode shape “A” in Figure 7, at a
damping value of 12 percent. This is the lowest, damped
“critical speed.” Intersections with mode “C”, “B” and “E” at
4500 cpm, 6000 cpm and 7200 cpm produce no noticeable
response—all these modes are too heavily damped. Even for
the case of a “critical speed” close to running speed, there is no
danger of a resonant amplitude increase in the pump.

Returning to the general overview of the results, a graphic
illustration (Figure 9) shows what happens to the least damped
eigenfrequency when parameters are changed one at a time:

» Cases 1 and 2 have the highest eigenfrequencies, because
of the new seal clearances which give higher direct stiffness than
with the worn clearances. These cases also have the highest
damping, except for the cases with swirl breaks, Cases 7 and 8.

» When impeller forces are introduced into the model, eigen-
frequencies decrease: Case 1 to 2 for new clearances and Case
3 to 4 for worn clearances. The addition of impeller forces
always decreased damping.

*» The wear of the seals, Case 2 to 4 with impeller forces and
Case 1 to 3 without impeller forces, has the most significant
negative effect of all parameters considered. Both eigenfrequen-
cy and damping decrease dramatically.

» When the bearing load decreases as a result of static radial
thrust, the eigenfrequency decreases and the damping remains
almost constant: Case 4 to 5.

Cases 4 and 5 show good agreement with the measured
results. The actual bearing load must be somewhere between
what has been assumed for Cases 4 and 5. Measurement
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105 1
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100 +
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90 |
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75 J@ @
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FIGURE 9: LEAST DAMPED EIGENFREQUENCIES VS DAMPING
FOR ALL CASES
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Figure 9. Least Damped Eigenfrequencies vs. Damping For All
Cases.

showed a vibrational peak starting to rise at approximately 0.73

% (running speed), Figure 10. The rotor is not yet unstable, but
the limit of stability is almost reached, i.e., damping is almost
zero. The calculated damping for Cases 4 and 5 is still a little
high. As indicated in Figure 7, the calculated instability would be
reached at 7100 cpm, whereas measurements lead to the
conclusion that the pump with worn seal clearances would
become unstable at about 6500 cpm. In determining whether a
pump will perform reliably or not, this speed, for the onset of
instability, is the most important criterion, not “critical speeds.”
In a well designed pump, “critical speeds” are normally too
heavily damped, even in the worn condition, to be excited.

Le 93.7-3 ¢ L0RsevR fer3MT SR 43SV LRV 10 9HE

EZE. -3 RNO : 98. 8~3 RHE 2z

running
frequency

100 200 1z g 100 200 iz
Drive end hon drive end

Figure 10. Measured Vibrations at BEP, Worn Seals.

At minimum flow, eigenfrequency and damping increase so
much that there is no danger of rotordynamic instability, even
with worn clearances, Case 4 to 6. This results from the higher
pressure difference across the seals and lower tangential
velocities in front of them. No subsynchronous resonant peak
was measured at minimum flow.

By comparing Cases 6 and 8, and Cases 4 and 7, it can be
seen that swirl breaks reduce the eigenfrequency dramatically;
the direct stiffness and cross-coupled damping is lower for all
seals and impellers. The big advantage is the very significant
reduction in the coefficient K;,, the cross-coupled stiffness,
which reduces the forward driving tangential force. Overall
damping is also increased because of this effect. The model with
the swirl breaks has higher damping with worn seals than the
one without swirl breaks has with seals! There is no possibility
for instability to occur. However, tests on the machine for [16]
have shown that swirl breaks influence axial thrust and leakage
flow.

For the purpose of developing a better understanding of the
results, Figures 11, 12, and 13 were created based on the
following simplifying assumptions:

* The shaft motion can be described as a forward whirling
circular orbit, such that the tangential force in the direction of
rotation can be expressed as [16]:

F*=Kjo* —Cq1¥( % ) —mjp*) %)2 7)

where the coefficients are normalized according to Equations
(2), (3) and (4) and » is the running frequency and £} is the
whirl frequency.

* The influence of the mode shape is small, i.e., the radii of
orbit at each location along the shaft are the same.

* The influence of the journal bearings is small, i.e., bearings
are located near nodes so that displacement is nearly zero.

With these assumptions and Figures 11, 12 and 13, it can be
seen that the forward and backward tangential force compo-
nents at the impellers and balance piston are several times larger
than those at the seals. The fact that the resultant driving force is
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the difference of two large values produces uncertainties. Small
relative errors in one of the two components leads to very large
errors in this difference. The resultant force for the impellers is
slightly larger than the resultant for the new seals (Figure 11).
However, the balance piston, with new clearances, produces
such a large driving backward tangential force that the net
resultant becomes stabilizing. With worn seals, (Figure 12) the
resultant forces for the impellers remain the same, but the
resultant for the seals are reduced to about half and the piston
forces are reduced significantly. The overall resultant for the
impellers, seals and piston becomes forward driving and is
destabilizing. Introducing swirl brakes (Figure 13) produces
forces at the worn seals and the balance piston of approximately
the same values as for new clearances. An even more striking
effect is the change the impeller forces. The resultant tangential
force at the impeller is changed from destabilizing to stabilizing.
A forward driving force no longer exists at any location and the
resultant stabilizing effect becomes the largest.

A comparison with Figure 9 indicates that the relative
changes in damping predicted by these simplified calculations
agree with the detailed analysis. The mode shape, and in
particular bearings, were not taken into account and, therefore,
the absolute value of damping is not correct. The negative
resultant for Case 4, (Figure 12) indicates that the pump is
already unstable, which is not true, neither by detailed calcula-
tion nor by measurement. However, these hand calculations
can be a valuable tool in predicting potential problems for a
pump without resorting to extensive detailed analysis.
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CONCLUSIONS

The research results show that impeller forces must be in-
cluded in the rotordynamic models of high energy, multistage
pumps. The forces tend to lower the natural frequencies and
reduce damping. Based on the best presently available rotordy-
namic coefficients, good agreement was achieved, for a boiler
feed pump with enlarged clearances, operating near its stability
limit, for both natural frequency and damping. The only model
adaptation necessary was the reduction of the direct stiffness
term for the impeller forces.

The pump investigated has a relatively large diameter shaft
and short bearing span. For this pump, the addition of impeller
forces to the model resulted in the prediction of a “critical
speed” below the operating speed, even with new seal clear-
ances. With two times the new clearances, three “critical
speeds” were predicted below the operating speed. High speed
multistage pumps will generally have natural frequencies below
the running speed; this will certainly be the situation for en-
larged seal clearances. However, if damping is sufficient, the
response when running through or even at these natural fre-
quencies will be low, as has been demonstrated in this paper.
The analysis points out that rotor response and stability limits
are the key factors which limit the reliability of multistage
pumps. This is contrary to the approach which is currently taken
in many specifications which require these multistage pumps to
run subcritically, i.e., below the first rotor natural frequency.
Better criteria must be found for defining good rotordynamic
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behavior; these new criteria should be based on the response of
the rotor to external forces such as unbalance.

In Figures 11, 12 and 13, it was shown that the net damping is
the difference between large forces, and is, therefore, very
sensitive to changes in these forces. This explains why, with
increased clearances, especially at the balancing piston, the
damping of the rotor decreases significantly. On the other hand,
it highlights the fact that relatively small modifications, such as
swirl breaks, reducing the cross-coupled stiffness terms, can
provide the opportunity to make dramatic increases in rotor
stability. It also helps explain the frequently observed situation
where supposedly identical pumps exhibit very different vibra-
tion behavior.

Although the addition of impeller forces has improved the
rotordynamic model, more work is needed in the following
areas;

« Experimental verification of rotordynamic coefficients for
seals and impellers at speeds and temperatures typical of boiler
feed pumps.

« Investigation of secondary effects of swifl breaks, e.g., axial
thrust and efficiency.

« Indications are that the forces acting on the impeller shroud
may be just as large or larger than the hydraulic forces originat-
ing in the impeller channels. Impeller shroud geometry may
therefore be important, and the measurements of impeller
forces without representative shroud geometries may be mis-
leading.

* Theoretical studies, yielding impeller force coefficients, for
the shroud forces and the forces from the impeller channels,
should be pursued, to supplement experimental data.

Work on the first three points is part of the ongoing EPRI
project [15]. The test rig for the measurement of impeller forces
[16] will be operated at 4000 cpm and up to 180°C during
1986 and subsequently modified for the measurement of seal
coefficients at temperatures and speeds corresponding to boiler
feed pump service.
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